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Abstract: The Rankine cycle has been a leading power 
generation cycle for years. Recently however, the Brayton 
cycle, specifically the recompression configuration, has proven 
to be more efficient when using sCO2. Studies have 
demonstrated that if the compressor inlet temperature and 
pressure of sCO2 are maintained near the critical values, the 
cycle's efficiency can be improved. For this project, the goal 
was to design a water-cooled shell and tube heat exchanger 
(STHE) that can cool sCO2 to within a range of 30°C to 33°C 
for a Brayton recompression cycle and evaluate its performance 
when used with CSP. The STHE was designed iteratively using 
the Bell Delaware method and TEMA standards. With 
FLOWNEX, a simulation of the Brayton recompression cycle 
with an inventory control system was conducted using DNI 
collected in the Upington area on the hottest day of the year. 
For this simulation, it was found that a minimum heat input of 
35MW was required for accurate results. It was shown that 
even when the dew point temperature varies, the heat 
exchanger can maintain the required outlet temperature. 
However, it transpired that this could not result in the predicted 
51.5% efficiency, but cycle temperatures revealed to be stable 
even during transient operation. To achieve the above 
efficiency, a combination of pressure ratio, split ratio, and main 
compressor inlet temperature (CIT) to the recommended range 
is required to ensure efficiency increase. 

Keywords: Supercritical carbon dioxide Brayton cycle; 
Compact heat exchangers; Recompression cycles; 
Concentrated Solar Power. 

1. Introduction

According to the International Energy Agency [1], the world 
energy demand is expected to continue its rise for the 
foreseeable future. The Stated Policies Scenario (STEPS) 
predicted an annual growth of 1% between 2022 and 2030, 
while the Announced Pledges Scenario (APS) predicted a 0.2% 
annual growth. However, it is necessary to highlight that these 
predictions account for the current energy crisis, leading to a 

3.3% drop from the previous 2030 predicted GDP.  In the South 
African context, about 80% of carbon emission derives from 
the energy sector, of which 50% is from electricity generation 
[2]. In-light of the above, there is a drive to further develop 
alternative sources of energy to feed the power generation 
industry to adequately respond to challenges of energy demand 
growth, high prices as well as the reduction of emissions. As 
such, in the search for alternative solutions, the Department of 
Mineral Resources and Energy of South Africa has embarked 
on a journey to diversify the energy supply for 2030 and 
beyond [2]. For instance, one of South African most attractive 
regions, the Upington region, with a recorded long-term annual 
average of 2816 kWh/m2 of Direct Normal Irradiance (DNI) 
and 2282 kWh/m2 of Global Horizontal Irradiance (GHI); is an 
under-utilized energy source that could potentially alleviate the 
strain on existing power plants because the area is exposed to 
relatively high solar irradiation that can greatly contribute to the 
power generation sector.[3] 

However, these regions are often characterized by a 
combination very little to no rain, which results in water 
shortages, and very high ambient temperatures. It is recorded 
that the annual average rain can be as little as 83.3 mm and 
ambient temperatures, reaching maximum of 45.3°C between 
1991 – 2020 [4]. The above constitutes a significant challenge 
when it comes to the design of effective heat rejection units for 
thermal power plants. The traditional steam Rankine cycle has 
been used for many years in thermal power generation for its 
ability to produce power at high efficiencies. In recent years, 
however, variations of the Brayton cycle are under 
investigation as they have shown potential for achieving 
competitive efficiencies, when operated using supercritical 
carbon dioxide (sCO2) as working fluid [5]. The density of 
sCO2 near the critical state resembles that of a liquid. Thus, the 
use of sCO2 in a Brayton cycle offers reduced compression 
power and increases the cycle’s overall efficiency [6]. In the 
early 2000s Dostal [7] investigated different sCO2 cycle layouts 
to discover that the recompression layout is the most efficient 
layout of all.  
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To further improve the performance of the sCO2 Brayton 
recompression cycle (BRC), it is important to analyse how the 
individual components can affect the overall efficiency. While 
there is much research on all the other power block 
components, there is unfortunately very limited research on 
heat rejection system design, as well as the impact of this 
system on the cycle’s overall performance. Most plants attempt 
to avoid operating near the critical point of sCO2 because the 
carbon dioxide thermo-physical properties are very sensitive to 
change in temperature or pressure is unstable in this region [8]. 
Specifically, there are rapid fluctuations in the fluid properties 
that affect the compressor performance. A 2℃ difference in the 
main compressor inlet temperature (CIT) can result in a 10% 
drop of adiabatic efficiency of the compressor [9]. Despite of 
the above, Ehsan [10] showed that if the CIT can be 35℃ or 
below, a BRC could operate at efficiencies higher than 49%. 
Attaining such lower temperature after the heat rejection unit in 
regions characterized by high ambient temperature as discussed 
earlier present many challenges; hence, it was recommended to 
investigate multiple cooling system designs to ensure delivery 
of CIT of below 35°C. Hence, for this study, a shell-and-tube 
heat exchanger (STHE) was identified as a suitable candidate 
due to its compactness, affordability, ability to sustain high 
pressure ranges and wide range of operating temperatures [11].  

2. Aim

The objective of this study is thus to investigate the dynamic 
response of a water-cooled sCO2 BRC for concentrated solar 
power (CSP) applications to simultaneous variations of solar 
resource, direct normal irradiation (DNI), and ambient 
temperatures. A previous study by Tshamala et al. [12], 
considered a concentrated solar powered sCO2 BRC fitted with 
inventory control system, subjected to daily variation of DNI. 
The above cycle was simulated to predict the required cooling 
capacity of the heat rejection unit that would maintain the CIT 
constant at 35°C. The inventory control, however, was 
introduced to regulate and maintain the turbine inlet 
temperature (TIT) through cycle’s mass flow rate control. 
Whilst the above study assumed a hypothetical heat rejection 
unit, in this study, a water-cooled shell-and-tube heat exchanger 
(STHE) is designed and integrated to the 1-D Flownex 
simulation model of the sCO2 BRC and daily ambient 
temperatures are used as input to the STHE. This STHE is 
designed to deliver a CIT ranging between 30 – 33°C, aiming at 
improving the power block overall efficiency. It is essential to 
highlight that since the study of the turbomachinery is not part 
of the current scope, the built 1-D model simulation model used 
centrifugal pumps in place of compressors; this was decided in 
anticipation that in the transcritical region the fluid exhibits 
liquid-like properties, especially as its temperature continues 

decrease [13]. Simulation of the complete power block is 
performed to determine the overall cycle dynamic response and 
performance assessment is presented. However, the current 
investigation assumes that the cooling water is provided at 
ambient wet-bulb temperature in the Upington. The designed 
STHE will be used in ongoing research which will consider 
performance assessment of dry, wet and hybrid systems in an 
indirect cooling configuration.    

3. sCO2 BRC cooling method and design.

3.1. Brayton Recompression Cycle description 
The original BC (Fig. 1) comprised three primary components. 
The compressor, combustion chamber and the turbine. 
Atmospheric air (State 1) would enter the compressor and be 
pressured to state 2 and then heated to state 3 to increase its 
specific volume to ensure greater power output in the turbine 
where it is expanded to state 4. After the turbine the exhaust gas 
is released into the atmosphere [6]. This is a very basic form of 
the BC when compared to the Brayton recompression cycle 
(BRC) (Fig. 2) which comprises two compressors, two 
recuperators, a turbine, a heater, and a cooler. The working 
fluid enters the main compressor (MC) at state 1 where the 
fluid is pressurised to state 2. The fluid is then heated in the low 
temperature recuperator (LTR) (2 – 3), as well as the high 
temperature recuperator (HTR) (4 – 5) using heat from the hot 
exhaust gases. 

Fig. 1. Original Brayton Cycle Layout 

Additional heat is added from an external source, CSP in this 
case, lifting the temperature to state 6 where the fluid enters the 
turbine. The fluid is expanded to state 7, producing work, and 
then directed into the HTR (7 – 8) and LTR (8 – 9) to reject 
heat. The fluid at state 9 splits into the cooler and the auxiliary 
compressor where a percentage of the fluid is pressurised to the 
cycle’s highest operating pressure. The remainder of the fluid is 
directed to the cooler (heat rejection unit), where it is cooled to 
targeted CIT (state 1) before returning to the main 
compressor.[14] 
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3.2.  sCO2 BRC heat rejection unit 
The heat rejection unit is an essential part of any cyclic heat 
engine whose role is to ensure effective energy transfer from 
the heat engine to the surrounding. According to Carnot, 
operating the heat rejection unit at low temperatures may 
contribute to enhancing to the overall power cycle’s efficiency. 
Considering the above, a prior investigation was conducted to 
advise on the operating temperature of the sCO2. This 
investigation took foundation from Ehsan [10], revealed that 
the sCO2 BRC has the potential to achieve greater efficiencies 
for higher overall pressure ratios, around 2.5, for CITs ranging 
between 30 – 35 °C as showed in fig. 3 below. Therefore, 32 °C 
is used as targeted CIT for the heat rejection unit.   

Fig. 2. Brayton Recompression Cycle Layout. [14] 

Fig. 3. s-CO2 BRC efficiency and net power as function of 
pressure ratio CIT. [10]  

To determine the heat rejection cooling capacity, a Flownex 
simulation model of a 20 MW sCO2 BRC was built  and 
simulated by Tshamala et al. [12] using 32 °C as CIT. This 
simulation revealed that to maintain a constant 32 °C CIT in an 
environment affected by daily variations in DNI, the heat 
rejection unit should be able to effectively transfer 20.36 MW 
of heat. Thus, this cooling duty together with the heat rejection 

unit inlet temperatures and the CIT are therefore used to advise 
the design of the heat rejection unit heat exchanger.      

3.3. sCO2 BRC Shell-and-tube heat exchanger design 
considerations 

3.3.1. STHE physical configuration 
The current shell-and-tube heat exchanger (STHE) was sized 
using the approach prescribed in the Tubular Exchanger 
Manufacturers Association (TEMA) standards [15]. This 
approach is used to ensure compliance with best practices and 
safety regulations.  Hence, based on TEMA standards, the 
STHE design specifications such as shell type, tubes bundle 
type, tubes layout, tubes material, baffles type, spacing and cut, 
front-end head type, and rear-end type were selected as 
presented in Table 1. The above assisted to define to SHTE 
physical configuration. Choices resulting in the STHE physical 
layout are generally made with respect to specific criteria such 
as pressure requirements, cleaning method, cost of production, 
etc. However, for the purpose of the current STHE design, to 
maintain the carbon dioxide in supercritical region, the current 
design suggested to use 7.45 MPa as cycle’s lowest pressure 
[14]. This value has been arbitrary chosen to ensure that at all 
time, the carbon dioxide remain in supercritical conditions, and 
not too high to ensure relatively effective gas expansion in 
turbine.  This value will therefore be accounted for when 
selecting the tube size and thickness. 

Table 1. Selected heat exchanger [15] 

Front-end Head: B-type

Shell Type: E-type

Rear-end Head: S-type

Tube Bundle Type: Floating head type 

Baffle Type: Single segmental baffle 

Baffle Cut: 25% 

Baffle Spacing: 40% of the shell diameter 

Tube Fluid: sCO2 

Shell Fluid: H2O 

Tube Layout: 30° 

Tube Material: Copper 

3.3.2. STHE design methodology 
At this stage of the design process, the required cooling duty, 
the operating pressure of the STHE, the sCO2 inlet temperature 
to the STHE, and mass flowrate have been approximated based 
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on thermodynamic cycle analysis; the cooling water inlet 
temperature approximated to ambient wet bulb temperature, 
since we operate on the assumption that a wet cooling tower is 
used to refresh the cooling water. The desired sCO2 outlet 
temperature known (set to 32°C), and the sCO2 inlet 
temperature was set as 120°C which is the highest value 
established in Tshamala et al. [12]. The mass flowrate of the 
cooling water can be estimated using equations from basic heat 
transfer. The above assumed maximum 7 °C temperature 
difference between the inlet and the outlet temperature of the 
cooling water across the STHE [16]. Although both the e-NTU 
procedure as well as a LMTD method could be used for the 
sizing of the current STHE, for simplicity a decision for made 
to use only the LMTD method for sizing of the STHE. The 
above was done using equation (1) to define the overall heat 
transfer area.  

Q = UAoF ∆Tlm                (1) 

In the above equation (1), Q, U, A, F, and ∆Tlm represent the 
cooling duty, the overall heat transfer coefficient, the total heat 
transfer area, the temperature correction factor, and the mean 
log temperature difference across the STHE. Equation (2) was 
used to evaluate the temperature correction factor introduced in 
equation (1).        

F = 
�√R2+1� ln �1 - S

1-RS�

 (R-1) ln �
2 - S �R + 1 - √R2+ 1�
2 - S �R + 1 + √R2+1�

�
   (2) 

Where S is a measure of the temperature efficiency of the heat 
exchanger, and R is the thermal capacities ratio between the 
shell side and the tube side; calculated as below: 

R = TCO2in- TCO2out
Twout- Twin

  (3) and   S = Twout- Twin
TCO2in- Twin

(4)

With Twin, Twout, TsCO2in and TsCO2out representing the water inlet, 
water outlet, sCO2 inlet and sCO2 outlet temperatures 
respectively [17]. The ∆Tlm was obtained from the temperatures 
given above, while U, was estimated using an iterative 
approach. At first, both the shell-side and the tube-side heat 
transfer coefficients (hw and hsCO2) are guessed as 5000 W/m2K 
on shell-side (water) and 500 W/m2K (gas) on the tube-side 
[18]; using in conjunction equations (5) and (1), the heat 
transfer area Ao is obtained. In equation 3, the fouling 
resistances for both make-up water and sCO2 were 
approximated by Kakac et al. [18]. To define the tubes 
configuration, equations (6) and (7) were used to determine the 
number of tubes (NT) as well as shell diameter (Ds) of the 
STHE.  

Ufc
- 1 = 

1
hw

+ Rfs+ 
do

2 k
 ln �

do

di
�  + Rft + 

PR
hCO2

     (5) 

In equation 5, Rfs, Rft, k, di, do and PR are the shell-side fouling 
factor, the tube-side fouling factor, tube material thermal 
conductivity, the tubes inside diameter, tubes outside diameter 
and representing tube outside to inside diameter ratio.   

Ds = 0.637 �
CL

CTP
 �

Af SO PR2 do

LT
�

1
2�

 (6) 

Nt = round �0.785 
CTP
 CL

Ds
2

(PR do)2   �      (7) 

Where CL represents the tube layout constant; CTP, the tube 
count calculation constant; LT, the tubes active length, SO 
surface overdesign, and Af, the heat transfer areas. [18] 

According to literature, the optimum ratio between the tubes 
length and the shell diameter should be kept between 5 – 10, 
since it is a trade-off between the pressure drop on the shell 
side and manufacturing costs [18]. Engineering Equation 
Solver (EES) was used solve simultaneously all equations 
described in the model for variety of tube diameter. For each 
tube diameter, a parametric study was conducted to determine 
the corresponding tube length that would balance the heat 
transfer equation between the tube and shell sides of the STHE. 
The result of the parametric study is presented in Fig. 4 and 
Fig. 5, for only four diameters; hence for the purpose of this 
project a conservative approach suggested that a length-to-shell 
diameter of 5.31, using 22.225 mm tube outside diameter.[19] 

Fig. 4. STHE cooling capacity vs tube length for various 
tube diameters.

Fig. 5. STHE pressure drops vs tube length for various 
tube diameters. 
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In Fig. 4 above, the tube side heat transfer was found using the 
enthalpy change of sCO2 between the inlet and the outlet of the 
STHE, while the shell side heat exchanger was found using 
equation 1. The shell side heat transfer coefficient was obtained 
using equation 8, while equation 10 approximated the tube side 
heat transfer coefficient. [18] 

hwDe

kmw
=0.36 �

De Gw

μmw
�

0.55

 �
cpmw μmw

kmw
�

1
3�

 �
μmw

μw
�

0.14
   (8) 

De= 
4 �PT

2 √3
4  - π do

2

8 �

π do
2

  (9) 

hsCO2 = 
ksCO2

di

⎣
⎢
⎢
⎢
⎡fD

8  (ResCO2 - 1000) PrsCO2 �1 + �di
LT

�
0.67

�

1 + 12.7 �fD
8 �

0.5
 �PrsCO2

0.67 - 1�
⎦
⎥
⎥
⎥
⎤

   (10)

Where: 

fD=[0.79 ln(ResCO2) - 1.64]-2   (11)

In equation 8, De is the hydraulic diameter applicable on the 
shell side for triangular tube configuration, Gw is the water 
mass flux; cpmw, kmw, and μmw are the water specific heat, 
thermal conductivity, kinematic viscosity expressed at mean 
temperature respectively, μw  the water kinematic viscosity at 
well temperature. And in equation 10, fD represents the friction 
factor on the tube side; ResCO2, PrsCO2, and ksCO2 are the 
Reynolds number, the Prandtl number, and the thermal 
conductivity of sCO2, respectively. Hence, the results of the 
above approximation converged to 416.2 W/m2K on the tube-
side (hsCO2) and 10307 W/m2K on the shell-side (hw). The 
subscript m in the thermophysical properties refers to the 
thermophysical properties evaluated at mean temperature, while 
w refers to water. Although tube side pressure drops were not 
described as one of the driving factors of decision for STHE 
sizing, it was found necessary to estimate them and present 
them in Fig. 6 below (Tube side of Fig.5 enhanced).  

Fig. 6. STHE tube side pressure drops vs tube length for 
various tube diameters. 

From Fig 5 and Fig. 6, it could be seen that at 22.225 mm tube 
outside diameter and 9.95 m tube length, the corresponding 
pressure drops on the shell side and the tube are 1.4 MPa and 
2.5 kPa. 

For the rating of the designed STHE, five methods were 
investigated, including the traditional e-NTU, the Kern, the 
Taborek, the Bell, and the Bell Delaware. It was found that 
although the first four could approximate the heat transfer 
coefficient and pressure drops with reasonable accuracy, the 
Bell Delaware method considers most of the fluid complexities 
as the fluid passes for baffle to tubes and vice versa, hence was 
found to be the most accurate. [20] 

3.3.3. STHE rating – The Bell Delaware method 
This method suggests that the designer initially start by 
estimating the tube size, the tube length, the heat transfer 
coefficient, the baffle spacing as well as the pitch ratio. Using 
an iterative approach, the pressure drops as well as the heat 
transfer coefficient was computed iteratively to convergence for 
the shell side fluid flow as well as the tube side fluid flow with 
the equations listed in Table 2. This process was repeated for a 
variety of tube sizes and lengths to approximate the appropriate 
heat exchanger dimensions.  

Table 2. Pressure drop and heat transfer equations [18] 

Shell Side (Water) 
Pressure 
drops: 

∆Ps= 
fs Gw

2 Ds (Nb+1)
2 ρmw De Φs

  (12) 

Heat transfer 
coefficient: 

hB = hid Jc Jl Jb Js Jr   (13) 
Where: 

hid=Ji cpmw Gw �
kmw

cpmwμmw
�

2
3�

Φs        (14)  

Tube side (sCO2) 
Pressure 
drops: 

ΔPft= �
4 fD NP LT

di
 + 4 NP�

GCO2
2

2 ρmCO2
  (15) 

Heat transfer 
coefficient Use equations 10 and 11 

In table 2, fs, Nb, Φs, ρmw, NP, GCO2, and ρmCO2 are shell-side 
friction factor, number of baffles, water density at mean 
temperature, number of tube passes, carbon dioxide mass flux, 
and carbon dioxide mean density. Ji, Jc, Jl, Jb, Js, and Jr are the 
corresponding correction factors for Colburn j-factor, baffle cut 
and spacing, baffle leakage, baffle spacing at inlet/outlet, 
bundle bypassing and Reynolds number correction.  
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4. Sensitivity analysis and cycle simulation

This simulation was done in Flownex. It was also important to 
determine whether the designed heat exchanger could maintain 
the temperature in the specified range. Table 3 presents overall 
cycle performance for CIT of 32 °C which is within the 
recommended target and 35 °C which aligned with the model 
verification discussed in the previous project [12].   

Table 3 values were obtained through steady state simulation of 
the sCO2 BRC assuming CIT at 35°C and at 32°C, for 
10.4 MW and 20 MW net power. Table 3 values were obtained 
through steady state simulation of the sCO2 BRC assuming CIT 
at 35°C and at 32°C, for 10.4 MW and 20 MW net power. 
Hence, to run the dynamic simulation of the complete cycle, it 
was necessary to integrate the designed STHE to the steady 
state model and implement variations in the solar DNI, ambient 
air temperature and wet bulb temperature. 

Table 3. s-CO2 BRC simulation model results 

Targeted CIT [°C] / 
Plant size [MW] 

35 / 
10.4 

35 / 
20 

32 / 
20 

MC Power [MW] 1.87 3.61 3.27 

AC Power [MW] 2.31 4.44 4.35 

Turbine Power [MW] 14.59 28.05 27.57 

Net Power [MW] 10.44 20.00 19.87 

Heat input [MW] 21.78 41.88 40.23 

Efficiency [%] 47.76 47.77 49.4 

Cooling Duty [MW] 11.34 21.88 20.36 

The solar DNI was obtained from SOLARGIS, while the 
ambient air temperature as well as wet bulb temperature were 
sourced from the South African weather services for a typical 
hot day of the year 2022.  

At this stage, it is necessary to specify that the sizing discussed 
in section 3 allowed to determine all other dimensions of the 
STHE as shown in Table 4. Information provided in Table 4 are 
used to build the STHE in Flownex, and the STHE simulation 
model was integrated in the sCO2 BRC to close the loop and 
finally enabling the overall cycle dynamic response analysis.  

Table 4. STHE design characteristics 

Tube Outer Diameter (𝑑𝑑𝑜𝑜) mm 22.225 

Tube pitch ratio (𝑃𝑃𝑃𝑃) - 1.25 

Tube Inner Diameter (𝑑𝑑𝑖𝑖) mm 17.78 

Tube Length (𝐿𝐿𝑇𝑇) m 16 

Tube Pitch (𝑃𝑃𝑇𝑇) mm 27.78 

Baffle Cut (BC) % 25 

Number of Tubes (𝑁𝑁𝑇𝑇) - 4258 

Shell Diameter (𝐷𝐷𝑆𝑆) m 2 

5. Results and discussion

Two scenarios were investigated. The first being the ideal 
scenario where the heat input to the cycle was constant and 
secondly the heat input to the cycle was allowed to track the 
daily variation of the DNI. The 20 MW net power solarized 
sCO2 BRC was designed using a solar field capable of 
supplying 44 MW thermal as peak capacity while for the 
second simulation, the cycle heat addition was simulated using 
the DNI and ambient temperature daily profiles. In both cases, 
the cooling water mass flow rate is maintained constant, and its 
temperature was approximated to the daily variation of the wet 
bulb temperature in the Upington. According to Uvarov et al. 
[21], knowing the ambient temperature, one could approximate 
the wet bulb temperature; however, for the current simulation 
this temperature was measured and supplied by the SAWS. A 
varying ambient temperature for a typical hot day in Upington, 
March 10th, 2022, was used. The results of both simulations are 
shown and discussed in the next few paragraphs. 

With the first scenario (Figure 5 and 6), it can be observed that 
the heat exchanger can deliver a CIT ranging within the 
recommended values. The produced net power and the cycle 
efficiency are close to the predicted steady state values, 
20.7 MW and 46% for mass flow rate approaching the designed 
maximum mass flow rate for the turbine used. The sCO2 mass 
flow distribution between the two compressors depends on the 
split ratio (SR), which is the ratio of the secondary compressor 
mass flow to the total mass flow in the turbine. For this case, 
the SR fluctuates at about 30%. Regardless of the wet bulb 
temperature hourly variations, the CIT was effectively 
maintained to a maximum of 31.6 °C, which is well below the 
35 °C where sCO2 properties become unstable.  

88



Fig. 5. Cycle efficiency, Net power, Main compressor mass 
flow, and turbine mass flow for constant heat load 

Fig. 6. CIT, Cooling water inlet temperature and STHE 
sCO2 inlet temperature for constant heat load 

The efficiency curve of the original cycle with the CIT of 35 ℃ 
is shown in Figure 7. This graph shows that at 35 °C CIT, the 
efficiency was recorded as 45.6% regardless of the DNI 
variation (Heat input). This efficiency slightly increased to 
about 46% when the CIT drops to 31.6 °C. according to 
literature, the efficiency is expected to be at its best value at 
33 °C. [10] 

Fig. 7. Heat input, Net power, Efficiency for 35°C CIT 
cycle [12]. 

However, in the study of efficiency increase, two other 
parameters are critical to ensure best values. Figure 8, discussed 
by Ehsan [10] shows that there is a strong correlation between 
the split ratio with the cycle thermal efficiency, which was not 
part of the current investigation. Hence, it is believed that 
pressure ratio and split ratio may play a significant role for the 
efficiency improvement to achieve performances predicted in 
Ehsan [10] as it can be seen in Figure 8. 

Fig. 8. Thermal efficiency variation with split ratio and 
pressure ratio of a sCO2 BRC [10] 

The second scenario, the full dynamic simulation of the sCO2 
BRC power block with STHE integrated to the loop, was 
performed using input variables presented in Figure 9. The 
ambient temperature and the DNI were used to estimate the 
heat input to the system, while the wet bulb temperature is used 
as input at the STHE, representing the heat rejection unit.  

Figure 10 is a display of the full cycle response to variation in 
weather conditions and solar energy. The efficiency still starts 
at 6am at 47% but slightly decreases to 46% when the full heat 
input is applied, then rises again as the heat input decreases. 
Many reasons could be responsible for the observed changes, 
since operating with many variables. However, the heat input 
variations can be highlighted as one of the many reasons. As 
the heat input increases, the turbine inlet temperature (TIT) in 
figure 11 tends to rise, however, the inventory control system 
constantly attempts to maintain the TIT at 700 °C by adjusting 
the total mass flow through the turbine. The above is believed 
to be the main reason for severe fluctuations observed in the 
TIT as well as the efficiency from around 13h00 through the 
after until sunset as shown in figure 11. 
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Fig. 9. Upington selected DNI, ambient temperature and 
wet bulb temperature [22] [4] 

Fig. 10. sCO2 BRC cycle efficiency and net power for 
variable heat load 

In figure 10, the heat input is observed to rise as the day 
progresses in the morning times and decreases progressively in 
the afternoon. With it, the net power of the cycle increases to 
reach the power block’s rated capacity when the heat input 
reaches it maximum. On the heat rejection site, it can be 
observed in figure 12 that the cooling load also follows the heat 
input trend, with a little deviation due to ambient conditions 
changes.  

Another important observation is made on the CIT which starts 
just about 26 °C (compressed liquid), then increases, reaching 
its maximum when the heat input reaches its maximum, then 
decreases progressively in the afternoon. The above is due to a 
combined effect of the variation of the sCO2 mass flow in the 
cycle induced by the inventory control system, the low wet bulb 
temperature early in the day and late in the afternoon, as well as 
the unchanged mass flow of the cooling water through the 
STHE for the duration of the simulations. Figure 11 also shows 
the STHE sCO2 inlet temperature, which changes because of 
feedback introduced by the STHE in the cycle. 

.

Fig. 11. Turbine inlet temperature, CIT, STHE sCO2 inlet 
temperature and ambient temperature fluctuations for 

variable heat load. 

Fig. 12. STHE cooling load, mass flow through the turbine 
and main compressor variation for variable heat load. 

6. Conclusion

The aim of this project was to design a STHE with capacity to 
service a sCO2 BRC powered by CSP, then investigate the 
overall cycle dynamic response to variable heat input as well as 
ambient temperatures. A water cooled STHE was designed 
using the traditional mean-log temperature difference approach 
during the first iteration sizing, which was enhanced using the 
Kern approach to refine the optimum dimensions, and Bell-
Delaware considered for rating. Industry recommendations 
were used to make final decisions on the STHE design 
parameters accounting for the balance between manufacturing 
cost and pressure losses. The designed heat exchanger was then 
used in a simulation of a sCO2 BRC at both constant heat load 
as well as variable heat load. The simulation results of the sCO2 
BRC have shown that the designed STHE adequately 
performed, maintaining the CIT below 32 °C, however the 
efficiency remained lower than the targeted 52%. The above 
revealed that decreasing the CIT alone is necessary to enhance 
the stability of the power cycle, however other aspects such the 
pressure ratio and split ratio are critical to further improve the 
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overall cycle efficiency. 
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