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Abstract  

This paper models the performance of a solar-hybrid micro gas 

turbine (MGT) under real solar thermal conditions, and predicts 

its performance for up to 15 kW distributed electricity 

generation solar-hybrid applications in Southern Africa. The 

gas generator of the MGT is based on a BorgWarner Turbo 

Systems turbocharger (Manufacturer: KKK Serial no. 

504064262), and the operating range of the MGT is restricted 

by that of the turbocharger. Initially, a standard twin shaft MGT 

Brayton cycle – without solar thermal input - was modeled, to 

determine the system fuel requirement, specific fuel 

consumption, net power output and overall cycle efficiency. 

Thereafter, a twin shaft MGT system incorporating a solar 

thermal input was modeled, and the effect of the solar thermal 

input on the overall MGT system performance was 

investigated. The system fuel mass flow required to maintain 

the pre-set turbine inlet temperature decreased with increase in 

solar thermal input. Adding a solar receiver to the standard twin 

shaft MGT system resulted in a reduction in the pressure ratio 

available to the power turbine, which in turn led to a reduction 

in the system power output and cycle thermal efficiency. 

Additional MGT components also result in an increase in the 

non-dimensional mass flow of the power turbine and a 

reduction in the pressure ratio available to the power turbine, 

which necessitates designing a power turbine with the ability to 

operate at higher non-dimensional mass flows and lower 

pressure ratios. 

 
Keywords: Micro gas turbine; Solar-hybrid micro gas turbine; 

Solar-hybrid micro gas turbine modeling. 

1. Introduction  

Southern Africa is blessed with one of the best solar energy 

resources worldwide – receives an annual DNI in excess of 

2100 kW/m
2
 [1], and the solar-hybrid concept offers a viable 

option for both a reduction in over reliance on fossil fuel 

energy resources and an avenue for exploitation of the available 

renewable energy resource. 

Solar-hybrid power systems based on gas turbines combine 

solar energy and fossil fuel, and thus provide reliable power 

with full dispatchability. Central receiver tower solar-hybrid 

power systems take advantage of the very high concentration 

ratios of central receiver tower technology to achieve a high 

receiver outlet air temperature. The high receiver outlet air 

temperature ensures a reduction in the amount of back-up fuel 

combusted to raise the air temperature to the required turbine 

inlet temperature.  

The development of solar-hybrid gas turbine systems has 

been ongoing for several decades, with more focus on solar 

components, and less focus on the gas turbine systems 

themselves [2]. 

Some of the earliest research work relating to the 

application of MGTs (less than 350 kW) in solar-hybrid power 

systems was performed by [3]. The MGT was based on a 

turbocharger, and the aim was to estimate the performance and 

component costs for a proposed 30 kWe dish/Brayton solar-

hybrid engine. An estimated thermal-to-electric efficiency of 

30% and levelized electricity costs (LEC) comparable to those 

of a 25 kWe dish/Stirling system were obtained. 

The European Commission (EC) previously funded three 

solar-hybrid driven gas turbine research projects:  SOLar 

hybrid GAs Turbine Electric (SOLGATE) power system, 

SOLar-HYbrid power and COgeneration (SOLHYCO) plants 

and SOLar Up-scale GAs turbine System (SOLUGAS). The 

main objective of these research projects was to demonstrate 

the performance and cost reduction potential of solar-hybrid 

driven gas turbine systems, with the focus on improvement in 

receiver design and development [4, 5 and 6]. The SOLGATE 

and SOLHYCO projects demonstrated the practical usage of a 

solar-hybrid MGT based on a modified helicopter 250 KW 

turboshaft engine, and a maximum electricity output of 230 

kW, at a cycle efficiency of 20% was realised [7, 8, 9 and 10].  

This paper models a solar-hybrid MGT based on a 

turbocharger, for distributed electricity generation solar-hybrid 

applications in Southern Africa. The turbocharger is 

commercially available and it has a compressor wheel of 

diameter 95 mm and a turbine wheel of diameter 86 mm. The 
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original equipment manufacturer (OEM) [11] provided 

turbocharger total-to-static test data, and this data was plotted 

as compressor and turbine performance maps (see Figures 2 

and 3). These maps were then used to determine the operating 

range of the MGT. It has to be noted that no suitable design has 

been completed for the power turbine, therefore there are no 

performance maps available for the power turbine. 

Typical compressor and turbine performance maps can be 

found in [12]. The compressor maps plot the compressor total-

to-total pressure ratio 𝑃02 𝑃01⁄  and isentropic efficiency 𝜂𝑐,𝑡−𝑡 

against the non-dimensional mass flow rate 𝑚̇√𝑇01 𝑃01⁄ , along 

each constant speed line 𝑁 √𝑇01⁄ , while the turbine maps plot 

the turbine non-dimensional mass flow rate 𝑚̇√𝑇03 𝑃03⁄  and 

total-to-static efficiency 𝜂𝑡,𝑡−𝑠 against the total-to-static 

pressure ratio 𝑃03 𝑃4⁄ , along each constant speed line 𝑁 √𝑇03⁄ . 

Similarly, the power turbine maps plot 𝑚̇√𝑇04 𝑃04⁄  and 𝜂𝑡𝑝,𝑡−𝑠 

against 𝑃04 𝑃5⁄  along each constant speed line 𝑁𝑝 √𝑇04⁄ . In 

these equations, the suffixes 1 and 2 denote the gas generator 

compressor inlet and outlet conditions, 3 and 4 denote the gas 

generator turbine inlet and outlet conditions and 4 and 5 denote 

the power turbine inlet and outlet conditions (as  shown in 

Figure 1). The suffix 0 denotes stagnation (total) conditions.  

 

Fig. 1. Schematic layout of a solar-hybrid MGT Brayton 

cycle with a twin shaft arrangement 
 

The use of off-the-shelf automotive turbocharger 

technology ensures a simple and modular structure, easy usage 

and low cost of the turbomachinery. The modular and simple 

structure design of the MGT makes it suitable for concentrating 

solar power (CSP) distributed electricity generation 

applications in Southern Africa. 

An important consideration for a MGT constructed from 

an off-the-shelf turbocharger is the shaft arrangement. A twin 

shaft arrangement – with a gas generator and a mechanically 

independent (free) power turbine - was chosen (see Figure 1), 

mainly because it allows for flexibility of operation, which is 

necessary given the variable nature of the solar energy 

resource. The twin shaft arrangement has an added advantage 

of ease of starting compared with a single shaft arrangement, as 

the starter needs to only turn over the gas generator.  

 

2. Modeling approach 

The modeling of the MGT system was done in MATLAB. 

Initially, a standard twin shaft MGT system - with no solar 

thermal input - was modeled, to determine the system fuel mass 

flow, specific fuel consumption, thermal energy input and 

overall cycle efficiency. Thereafter, a twin shaft MGT system 

incorporating a solar thermal input into the compressed air was 

modeled, and the effect of the solar thermal input on the overall 

MGT system performance was investigated.  

2.1. Solar resource 

The heliostat field was modeled based on Stellenbosch 

University’s Helio100 test facility at Mariendahl. Helio100 has 

a heliostat field aperture area of 267.6 m
2
. 

Hourly averaged direct normal irradiance (DNI) for the 4
th

 

August, 2016 was downloaded from the Sonbesie weather 

station website [13]. The weather station uses a Kipp and 

Zonen (K&Z) CHP1 pyrheliometer (calibrated on 18
th

 July, 

2012) to directly measure the DNI.  

To determine the solar thermal output from the heliostat 

field 𝑄𝑠𝑜𝑙𝑎𝑟 , the optical efficiency of the heliostat field 

𝜂𝑜𝑝𝑡𝑖𝑐𝑎𝑙was first determined, using a sixth order polynomial 

that takes into consideration shading, blocking and cosine 

effects [14] 

 

 

𝜂𝑜𝑝𝑡𝑖𝑐𝑎𝑙 = 0.4245𝜃𝑧
6 − 1.148𝜃𝑧

5 + 0.3507𝜃𝑧
4

+ 0.755𝜃𝑧
3 − 0.5918𝜃2

2

+ 0.0816𝜃𝑧 + 0.832 

(1) 

 

where 𝜃𝑧is the zenith angle, and can be calculated from the 

declination angle, hour angle and the solar altitude angle, 

following a procedure given by [15]. 

The solar thermal output from the field was then calculated 

using 

 
𝑄𝑠𝑜𝑙𝑎𝑟 = 𝜂𝑜𝑝𝑡𝑖𝑐𝑎𝑙 × 𝜂𝑟𝑒𝑓𝑙𝑒𝑐𝑡,𝑎𝑣𝑎𝑖𝑙,𝑠𝑜𝑖𝑙,𝑡𝑟𝑎𝑐𝑘

× 𝐴𝑓𝑖𝑒𝑙𝑑 𝑎𝑝𝑒𝑟𝑡𝑢𝑟𝑒 × 𝐷𝑁𝐼 
(2) 

 

where 𝜂𝑟𝑒𝑓𝑙𝑒𝑐𝑡,𝑎𝑣𝑎𝑖𝑙,𝑠𝑜𝑖𝑙,𝑡𝑟𝑎𝑐𝑘  is a heliostat efficiency, and 

combines factors like heliostat reflectivity, availability, soiling 

and tracking accuracy. It was assumed to be 81 per cent, as 

suggested by [15]. 

The solar receiver was modeled based on the cluster of 

pressurised air receivers tested during the SOLGATE project. 

The receiver modeling followed an approach similar to that of 

[16] and [17]. A linear correlation between the efficiency of the 

receiver cluster and the temperature of the compressed air at the 

receiver outlet 𝑇06 was obtained for the receiver test data found 

in [4], as given below 

 

 𝜂𝑟𝑒𝑐 = 1.1279 − 0.00034𝑇06 (3) 

 

Equation 3 was then used in combination with the 

calculated solar thermal output from the solar field (Equation 2) 

to determine the temperature of the compressed air at the 



    

(a)      (b)       

Fig. 2. Gas generator compressor operating point: (a) pressure ratio vs non-dimensional mass flow and (b) isentropic 

efficiency vs non-dimensional mass flow 

 

 

receiver outlet and subsequently, the solar thermal input into 

the compressed air. The compressed air temperature at the 

receiver outlet was then raised to the pre-set turbine inlet 

temperature 𝑇03, of 800 
0
C – restricted by turbine blade 

metallurgical limitations - by combusting additional fuel.  

The solar receiver was assumed to have a constant 

pressure drop of 2 per cent of the compressor delivery pressure, 

as was measured across the receiver cluster in [4].  

Other simplifying assumptions made during the modeling 

include: 

 Assume constant total ambient conditions of 101.325 kPa 

and 293 K  

 Assume a constant mass flow throughout the system, 

neglecting increase in mass flow due to the fuel mass flow 

(since the fuel mass flow is normally less than 2 per cent of 

the air mass flow)  

 Neglect system inlet and outlet pressure losses  

 The specific heat at constant pressure 𝑐𝑝 and consequently 

the specific heat ratio γ is a function of temperature alone, 

over the working range of pressure and temperature  

 The model uses Propane as fuel, with a calorific value 

𝐻 = 46.3 MJ/kg   

 The power turbine is assumed to have an isentropic 

efficiency of 85 per cent and mechanical efficiency of 99 

per cent  

 Assume a constant combustion chamber pressure drop of 7 

per cent of the compressor delivery pressure and 

combustion efficiency of 95 per cent  

2.2. Modeling procedure 

The modeling procedure was as follows: Select a constant 

speed line on the compressor map and choose a compressor 

operating point (see Figure 2), with care taken to select an 

operating point; a sufficient distance away from the compressor  

 

surge line (extreme left of each constant speed line), at a 

relatively high compressor pressure ratio, and in a region of 

high compressor isentropic efficiency. Selecting a high 

compressor pressure ratio accommodates system pressure 

losses that result from incorporating additional components like 

a solar receiver, recuperator, et cetera into the MGT system. 

The values of 𝑃2 𝑃01⁄ , 𝑚̇√𝑇01 𝑃01⁄ , 𝑁 √𝑇01⁄  and 𝜂𝑐,𝑡−𝑠, can 

then be determined for the selected compressor operating point, 

as given below in Table 1: 

Table 1. Selected compressor operating point parameters 

              Parameter                     Value 

𝑷𝟐 𝑷𝟎𝟏⁄  3.1192 

𝒎̇√𝑻𝟎𝟏 𝑷𝟎𝟏⁄  0.0795 

𝑵 √𝑻𝟎𝟏⁄  5755 

𝜼𝒄,𝒕−𝒔 0.7391 

 

The air mass flow rate 𝑚̇ and the compressor rotation 

speed N are determined from 𝑚̇√𝑇01 𝑃01 ⁄ and 𝑁 √𝑇01⁄ , given 

the known ambient conditions at the compressor inlet 𝑃01 

and 𝑇01. The static pressure at the compressor outlet 𝑃2  is 

determined from 𝑃2 𝑃01⁄ , while the static temperature at the 

compressor outlet 𝑇2  is determined from 𝑃2 𝑃01⁄ and 𝜂𝑐,𝑡−𝑠. 

First, the static isentropic temperature at the compressor outlet 

𝑇2𝑠 is calculated using the ideal gas isentropic relation between 

pressure and temperature ratios  

 

 𝑇2𝑠 = 𝑇01 (
𝑃2

𝑃01

)
(𝛾−1) 𝛾⁄

 (4) 

 

and then the determined 𝑇2𝑠 is substituted into Equation 2, with 

the known 𝜂𝑐 and 𝑇01, to obtain 𝑇2 

 

 𝑇2 = 𝑇01 +
𝑇2𝑠 − 𝑇01

𝜂𝑐,𝑡−𝑠

 (5) 
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(a)      
 (b) 

Fig. 3. Gas generator turbine operating point: (a) non-dimensional mass flow vs pressure ratio and (b) isentropic efficiency vs 

pressure ratio 
  

The stagnation temperature at the compressor outlet  𝑇02 is then 

calculated using  

 

 𝑇02 = 𝑇2 +
𝑉2

2𝑐𝑝

 (6) 

 
where  𝑉2 is the compressed air velocity at the compressor 

outlet, and is given by 

 

 𝑉2 =
𝑚̇𝑅𝑇2

𝑃2𝜋𝑑2
2 4⁄

 (7) 

 

R is the molar gas constant and 𝑑2 is the pipe diameter at the 

compressor outlet. The stagnation pressure at the compressor 

outlet 𝑃02 is then determined from the calculated 𝑃2, 𝑇2 and 𝑇02, 

using the ideal gas isentropic relation between pressure and 

temperature ratios 

 𝑃02 = 𝑃2 (
𝑇02

𝑇2

)
𝛾 (𝛾−1)⁄

 (8) 

 

The gas generator inlet pressure 𝑃03 is then determined 

from the difference between the determined 𝑃02 and the 

pressure drop across the combustor, and any other additional 

components like the solar receiver, recuperator, et cetera. The 

work requirement of the compressor 𝑊𝑐  is then determined 

from the temperature rise in the compressor ∆𝑇012 = 𝑇02 − 𝑇01, 

using  

 𝑊𝑐 = 𝑚̇𝑐𝑝∆𝑇012 (9) 

 

The gas generator turbine parameters 𝑁 √𝑇03⁄  and 

𝑚̇√𝑇03 𝑃03⁄  can then be calculated from the determined 𝑃03 

and N, and the corresponding 𝑃03 𝑃4⁄  and 𝜂𝑡 read from the gas 

generator turbine characteristic (see Figure 3). This ensures 

speed and flow compatibility between the gas generator 

compressor and turbine operating points.  

The static pressure at the gas generator turbine outlet 𝑃4  is 

then determined from 𝑃03 𝑃4⁄ , using the known 𝑃03,   while the 

static temperature at the gas generator turbine outlet (power 

turbine inlet) 𝑇4  is determined from 𝑃03 𝑃4⁄ , and 𝜂𝑡,𝑡−𝑠. First, 

the static isentropic temperature at the gas generator turbine 

outlet 𝑇4𝑠 is calculated using the ideal gas isentropic relation 

between pressure and temperature ratios and then the 

determined 𝑇4𝑠 is substituted into Equation 10, with the known 

𝜂𝑡,𝑡−𝑠 and 𝑇03, to obtain 𝑇4 

 

 𝑇4 = 𝑇03 − 𝜂𝑡,𝑡−𝑠(𝑇03 − 𝑇4𝑠) (10) 

 

The stagnation temperature at the gas generator turbine outlet  

𝑇04 is then calculated using  

 

 𝑇04 = 𝑇4 +
𝑉4

2𝑐𝑝

 (11) 

 

where  𝑉4 is the gas stream velocity at the gas generator outlet, 

and is given by 

 

 𝑉4 =
𝑚̇𝑅𝑇4

𝑃4𝜋𝑑4
2 4⁄

 (12) 

 

𝑑4 is the pipe diameter at the gas generator turbine outlet. The 

stagnation pressure at the gas generator turbine outlet 𝑃04 is 

then determined from the calculated 𝑇4 and 𝑇04, using the ideal 

gas isentropic relation between pressure and temperature ratios 
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 𝑃04 = 𝑃4 (
𝑇04

𝑇4

)
𝛾 (𝛾−1)⁄

 (13) 

 

The gas generator turbine work 𝑊𝑡  is then determined 

from the temperature drop in the gas generator turbine ∆𝑇034 =
𝑇03 − 𝑇04, using 

 

 𝑊𝑡 = 𝜂𝑚𝑒𝑐𝑚̇𝑐𝑝∆𝑇034 (14) 

 
To ensure work compatibility between the gas generator 

compressor and turbine, 𝑊𝑐 ≈ 𝑊𝑡. 

The power turbine parameters 𝑚̇√𝑇04 𝑃04⁄  and 𝑃04 𝑃5⁄  

can thereafter be calculated from the now known 𝑚̇, 𝑇04 and 

𝑃04, while 𝑃5 is assumed to be equal to the ambient pressure, as 

the power turbine exhausts to the atmosphere. If the power 

turbine maps are available, the power turbine parameters 

𝑁 √𝑇04⁄  and 𝜂𝑡𝑝, corresponding to the calculated 𝑚̇√𝑇04 𝑃04⁄  

and 𝑃04 𝑃5⁄  can thereafter be read from the power turbine maps, 

thus ensuring flow matching between the gas generator turbine 

and the power turbine.  

Similar to the gas generator turbine, the power turbine 

exhaust stagnation temperature 𝑇05 can be determined from 

𝑃04 𝑃5⁄  and 𝜂𝑡𝑝,𝑡−𝑠. The power output of the power turbine 𝑊𝑡𝑝 

can similarly be determined from the temperature drop in the 

power turbine ∆𝑇045 = 𝑇04 − 𝑇05.  

To determine the system fuel mass flow required to raise 

the temperature of the air to the preset turbine inlet 

temperature 𝑇03, the combustion chamber inlet stagnation 

temperature needs to first be determined. For the standard twin 

shaft MGT system, the combustion chamber inlet stagnation 

temperature is equal to the stagnation temperature at the 

compressor outlet 𝑇02 while with a solar thermal input into the 

compressed air, the combustion chamber inlet stagnation 

temperature is equal to the solar receiver outlet stagnation 

temperature 𝑇06, which is in turn dependent on the solar 

thermal output of the heliostat field. First, the receiver 

efficiency is alternatively defined as the ratio of the solar 

thermal energy transferred to the compressed air to the solar 

thermal output from the heliostat field, as given by 

 

 𝜂𝑟𝑒𝑐 =
𝑚̇𝑐𝑝(𝑇06 − 𝑇02)

𝑄𝑠𝑜𝑙𝑎𝑟

 (15) 

 

Then equating Equations 3 and 15, 𝑇06 can be determined from 

 

 𝑇06 =
1.1279 +

𝑚̇𝑐𝑝𝑇02

𝑄𝑠𝑜𝑙𝑎𝑟

𝑚̇𝑐𝑝

𝑄𝑠𝑜𝑙𝑎𝑟
+ 0.00034

 (16) 

 

The system fuel mass flow 𝑚̇𝑓 is then determined from 

performing an energy and mass balance for the combustion 

chamber, using 

 

 

Fig. 4. Effect of solar thermal input on the system fuel mass 

flow and thermal efficiency   
 

 

 𝑚̇𝑓 =
𝑚̇𝑐𝑝(𝑇03 − 𝑇06)

(𝐻 − 𝑐𝑝𝑇03)
 (17) 

 

The system specific fuel consumption 𝑆𝐹𝐶 is then 

determined from 

 

 𝑆𝐹𝐶 =
3600𝑚̇𝑓

𝑊𝑡𝑝

 (18) 

 

Finally, the overall cycle thermal efficiency 𝜂 is 

determined from the ratio of the power output 𝑊𝑡𝑝  to the 

overall system thermal input 𝑄𝑡ℎ 

 

 𝜂 =
𝑊𝑡𝑝

𝑄𝑡ℎ

 (19) 

 

where for a solar thermal input into the compressed air 

 

 𝑄𝑡ℎ = 𝑚̇𝑓𝐻 + 𝑚̇𝑐𝑝(𝑇06 − 𝑇02) (20) 

5. Results 

For the standard twin shaft MGT, the calculated fuel mass flow 

was 0.0073 kg/s, corresponding to a specific fuel consumption 

of 0.0012 kg/Wh. The net power output was 22.1 kW, for an 

overall cycle thermal efficiency of 6.5%. For the solar-hybrid 

MGT, the solar receiver outlet temperature increased from 

450.15 K to 754.18 K, and this in turn led to a decrease in the 

fuel mass flow from 0.0073 to 0.0038 kg/s (see Figure 4), 

corresponding to a decrease in the specific fuel consumption 

from 0.0018 to 0.0010 kg/Wh. The calculated net power output 

was 14.4 kW, at a maximum cycle thermal efficiency of 4.4%, 

for the period with solar thermal input. 

A comparison of the power turbine characteristic (non-

dimensional mass flow and pressure ratio) for the MGT without 

and with solar thermal input shows an increase in the non-

dimensional mass flow from 0.0934 to 0.1011, corresponding 

to pressure ratios of 1.5126 and 1.3915, respectively. 
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5. Discussion and conclusion 

This paper models the operation of a MGT under real solar 

thermal conditions, and predicts its performance for solar-

hybrid applications in Southern Africa. The system fuel mass 

flow required to maintain the pre-set turbine inlet temperature 

decreased with increase in solar thermal input, leading to a 

reduction in the specific fuel consumption. The integration of a 

solar receiver (and any other additional components) into the 

MGT system led to an increase in the overall system pressure 

drop which in turn resulted in a decrease in the pressure ratio 

that is available to the power turbine. The reduction in pressure 

ratio resulted in a decrease in the power output, which in turn 

led to a decrease in the overall cycle efficiency. The overall 

cycle efficiency can be increased by improving the efficiencies 

of the individual MGT components. Also, incorporating 

recuperation would reduce the amount of fuel combusted to 

raise the air temperature to the required turbine inlet 

temperature, but would in turn increase the system pressure 

drop.  

The modeling of the solar-hybrid MGT showed an 

increase in the power turbine non-dimensional mass flow with 

the addition of a solar receiver. The non-dimensional mass flow 

parameter is an indication of the swallowing capacity of the 

power turbine, which in turn restricts the operating range of the 

gas generator turbine upstream of the power turbine. Additional 

MGT components result in an increase in the non-dimensional 

mass flow of the power turbine and a reduction in the pressure 

available to the power turbine. This necessitates designing a 

power turbine with the ability to operate at higher non-

dimensional mass flows and lower pressure ratios 
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